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This technical report presents a physics-based model to quantify
frictional power losses in a reciprocating diesel engine, focusing
on the effects of the connecting-rod-to-crank-radius ratio (L/r)
and piston-ring contact area. Simulations were performed for
three L/r ratios (2.43, 3.2, and 3.59) and three ring configurations:
a single 1.25 mm ring; two rings of 1.25 mm and 1.5 mm; and three
rings of 1.25mm, 1.5mm, and 1.5 mm. Results indicate that fric-
tional power increases with contact area, from 102W (single
ring, L/r = 3.59) to 326 W (three rings, L/r = 2.43). Shorter rods
amplify lateral forces and friction, whereas longer rods reduce
losses with diminishing returns. Normalization against the baseline
two-ring case (187 W) highlights these trends. The model identifies
an optimal configuration at a moderate L/r ratio with two rings of
balanced thickness, minimizing energy loss while maintaining ring
durability and sealing performance. [DOI: 10.1115/1.4071486]
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1 Introduction

Frictional losses in reciprocating internal combustion engines
account for a significant portion of total mechanical losses, influ-
encing fuel efficiency, emissions, and component longevity. In
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diesel engines, the piston—cylinder assembly represents a primary
source of tribological interaction: piston rings maintain sealing
and load support but also generate additional frictional work. Accu-
rate quantification of these losses is important for guiding design
decisions, including geometry selection, material choice, and
surface treatment [1,2].

Previous studies have investigated piston-ring friction using
experimental measurements and analytical models. Empirical cor-
relations typically relate frictional torque to ring tension, surface
roughness, lubrication regime, and sliding speed, while mechanis-
tic models consider hydrodynamic film formation and asperity
contact [3-5]. However, many existing approaches simplify the
piston-ring interface by considering only a single ring or neglect
the influence of connecting-rod geometry on piston kinematics.

The connecting-rod-to-crank-radius ratio (L/r) directly affects
piston motion, altering the magnitude and timing of lateral forces
on the ring package. Shorter rods increase side loads and can
lead to uneven lubrication, whereas longer rods reduce lateral
forces but may introduce constraints related to engine packaging
and mass [6]. Similarly, the number and thickness of piston rings
determine the total contact area, influencing hydrodynamic pres-
sure distribution, asperity contact, and overall friction. While addi-
tional rings improve sealing and reduce blow-by, they also increase
frictional drag.

This technical report develops a physics-based model to investi-
gate how L/r and piston-ring contact area affect frictional power
losses. The study considers multiple connecting-rod ratios and
ring configurations across a full engine cycle. The objectives are
to (i) quantify variations in instantaneous and integrated frictional
power, (ii) identify trends relative to a baseline two-ring configura-
tion, (iii) assess tradeoffs between friction reduction and practical
design constraints, and (iv) provide guidelines for selecting
connecting-rod lengths and ring geometries in diesel engine design.

2 Materials and Methods

This section presents the engine configuration, piston ring mate-
rials, surface treatments, friction modeling, and numerical proce-
dure adopted in this work. All parameters and methods are
selected to support the analysis of frictional losses as a function
of piston-ring contact area and connecting-rod-to-crank-radius
ratio (L/r).

2.1 Engine Geometry and Operating Conditions. The
engine analyzed in this study is a common rail diesel engine with
a stroke of 90.4mm. Key geometric and operating parameters,
including contact pressure, sliding velocity, lubricant viscosity,
surface roughness, oil film thickness, lubrication parameter, and
friction coefficient, are reported in Table 1. The cylinder bore dia-
meter is denoted as D, the connecting-rod length as L, and the crank
radius as r. The engine is equipped with one to three piston rings
depending on the configuration considered, and the engine speed
selected for the analysis is 3800 rpm.

The ratio of connecting-rod length to crank radius, L/7, is varied
to study its influence on piston kinematics and frictional losses.
Two limiting values, 2.43 and 3.59, are considered together with
an intermediate configuration corresponding to the original
engine design, L/r = 3.2. These values correspond to the extreme
cases observed in high-performance engines, such as Formula 1
and World Superbike units [7-9].
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Table 1 Representative friction parameters in reciprocating

engines

Parameter Symbol Typical range
Contact pressure P 1-5MPa
Sliding velocity v 1-25m/s
Lubricant viscosity n 0.002-0.01 Pa-s
RMS roughness ° 0.2-0.6 pm
Oil film thickness Amin 0.3-1.5pm
Lubrication parameter A 0.5-4.0
Friction coefficient n 0.001-0.15

The maximum piston velocity as a function of crank angle 0 is
determined from the kinematic relationship of the crank-slider
mechanism

in 20
Vpist(6) = wr(sin 0+ ) (1)
2n

where w = 22rpm/60 represents the angular velocity of the crank-
shaft, and n = L/r is the rod-to-crank ratio.

2.2 Piston Ring Materials and Surface Treatments. Piston
rings are designed to provide sufficient elasticity, corrosion resis-
tance, and wear resistance under severe engine operating condi-
tions. The most commonly used materials are gray cast iron, in
lamellar or nodular form and either annealed or non-annealed
[10,11], and steel, typically martensitic chrome steel or spring
steel that has undergone nitriding to improve surface hardness
and durability.

To further enhance tribological performance, piston ring sur-
faces are often treated or coated. Thermal-spray molybdenum
and galvanic chromium coatings improve wear resistance and
emergency running behavior [12,13]. Advanced composite coat-
ings, including chrome-ceramic and diamond-coated layers,
embed hard particles in a metallic matrix to achieve ultra-low fric-
tion and long-lasting durability. Physical vapor deposition coat-
ings, such as CrN, are commonly applied to compression and oil
control rings, providing high surface hardness and smoothness to
reduce friction over the ring lifetime.

Additional surface treatments, including phosphating and copper
plating, are employed primarily to improve corrosion resistance.
Phosphate coatings produce a matte black, rust-resistant surface,
while copper plating protects against burn marks during running-in
without affecting the functional performance of the ring [14].

2.3 Friction Force Modeling. The friction force between
piston rings and cylinder liner is expressed as

Fy=pAcp ©)

where p is the local contact pressure, A, the effective contact area,
and p the coefficient of friction. The coefficient of friction depends
on the lubrication regime, surface roughness, lubricant viscosity,
and temperature.

2.3.1 Lubrication Regimes. Three lubrication regimes are
considered: boundary, mixed, and hydrodynamic [15], character-
ized by the dimensionless parameter A

hli
A=—"2 6=,/02+ 03 3)
c

Classification of regimes:

e A < 1: boundary
e 1 < A<3: mixed
e A > 3: hydrodynamic

Typical friction parameters for reciprocating engines are given
in Table 1, and lubrication regimes during operation are summa-
rized in Table 2.

2.3.2  Hydrodynamic Friction

_Cnpy

n=k )

where 7 is the lubricant viscosity, v is the sliding velocity, p is the
contact pressure, R is the effective radius of curvature, and C is an
empirical temperature-dependent coefficient

C(T) = Co+ KT - To) &)

where Cj is the coefficient at the reference temperature Ty, S is the
temperature sensitivity coefficient, and 7 is the lubricant
temperature.

2.3.3 Mixed and Boundary Friction. In mixed lubrication

u=%¢%) (©)

where y, is a reference friction coefficient, v, is the piston sliding
velocity, p. is the contact pressure, / is the lubricant film thickness,
and n is an empirical exponent.

In boundary lubrication

u=p;+Kpe (7

where y; is the boundary friction coefficient and K is a proportion-
ality constant relating friction to contact pressure.

2.4 Numerical Procedure for Friction Work. The indicated
pressure—volume (PV) diagram of the commercial common rail
diesel engine considered in this study is shown in Fig. 1. The
instantaneous gas pressures extracted from this cycle are used as
input for evaluating the piston lateral forces and the resulting fric-
tional interaction between the piston ring pack and the cylinder
liner throughout the engine cycle.

The instantaneous friction work per crank angle increment is

dWi = Ffj By (8)

The total work per engine cycle is obtained by summing all
increments

Table 2 Comparison of lubrication regimes in piston ring—cylinder liner contact

Parameter Boundary Mixed Hydrodynamic
Oil film thickness 4 <0.1 pm 0.1-2 pm >2pm
Contact type Asperity contact Partial film Full film
Load support Solid contact Solid + fluid Fluid only
Friction mechanism Adhesion, plowing Mixed Viscous shear
Typical friction coefficient p 0.1-0.2 0.01-0.08 0.002-0.01
Heat generation High Moderate Low
Wear-rate High Medium Low
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Fig. 1

N
W= dW; ©)
i=1

where s; is the piston displacement increment at crank angle «;, and
N = 7200 steps (Aa = 0.1deg) over a full crank revolution.

2.5 Piston Ring Contact Area and Configuration. The
effective contact area between the piston ring pack and the cylinder
liner depends on the number of rings and their axial widths. For n
rings with widths w;, the total contact area is computed as

Acontact = Z w; - D (10)
i=1

Equation (10) represents the nominal geometric contact area
between the piston rings and the cylinder liner. In practice, the
real-microscopic contact area is smaller than the nominal one
because contact occurs at discrete asperities on the interacting sur-
faces. The real area of contact therefore depends on surface rough-
ness characteristics such as asperity radius, root-mean-square
(RMS) roughness, and asperity density. In the present model, the
nominal contact area is adopted as an effective macroscopic param-
eter to describe the ring-liner interface. The influence of surface

Table 3 Power dissipated (W) as a function of number of
segments and connecting-rod ratio

Conrod length/Crank radius

# Segments 2.43 3.2 (Original) 3.59
1 149 104 102

280 187 185
3 326 286 284
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Pressure-volume diagram of the commercial common rail diesel engine used as input for the friction analysis

roughness and asperity-scale interactions is implicitly accounted
for through the empirical friction correlations used in the hydrody-
namic, mixed, and boundary lubrication regimes described in the
previous section.

The current engine configuration employs two rings
(w; = 1.25mm, w, = 1.5mm). In order to evaluate the influence
of ring pack design on frictional losses, alternative configurations
with one, two, and three rings are also considered.

The analyzed piston ring configurations are defined as follows:

(1) Single-ring configuration (w; = 1.25 mm);

(2) Two-ring configuration corresponding to the original engine
design (w; = 1.25 mm, w, = 1.5 mm);

(3) Three-ring configuration (w; = 1.25mm, w, = 1.5mm, w3 =
1.5 mm).

In addition, three values of the connecting-rod-to-crank-radius
ratio are analyzed (L/r =2.43, 3.2, and 3.59). All combinations
of piston ring configurations and L/r ratios are evaluated in the
numerical simulations, and the resulting frictional power dissipa-
tion is presented and discussed in Sec. 3.

3 Results and Discussion

3.1 Reference Engine Cycle. The indicated PV diagram of
the commercial common rail diesel engine considered in this
study is shown in Fig. 1. This cycle was used as the reference
for computing piston lateral forces and the corresponding frictional
work at the piston-ring cylinder interface. The instantaneous gas
pressures extracted from this PV diagram provide the input for
evaluating the variation of contact pressures along the stroke and
the resulting frictional losses.

3.2 Effect of Connecting-Rod Length on Friction. The
influence of the connecting-rod-to-crank-radius ratio (L/r) on fric-
tional power losses is summarized in Tables 3 and 4. The results
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Table 4 Normalized power dissipated (%) relative to original
configuration with two segments (187 W = 100%)

Conrod length/Crank radius

# Segments 2.43 3.2 (Original) 3.59
1 79.7 55.6 54.5

149.7 100.0 98.9
3 174.3 152.9 151.9

demonstrate that shorter rods (L/r = 2.43) generate higher lateral
forces, resulting in increased frictional losses compared to the orig-
inal engine configuration (L/r =3.2) and the long-rod configura-
tion (L/r =3.59). This trend is consistent across all tested piston
ring configurations.

Increasing L/r reduces the deviation from harmonic piston
motion and lowers peak piston velocity, which in turn diminishes
side forces and friction. However, the marginal benefit of increas-
ing L/r beyond the original design is limited, as the reduction in
friction is small relative to the additional constraints on engine
size, weight, and packaging.

3.3 Influence of Piston Ring Contact Area. The number and
axial width of piston rings strongly affect the total contact area and
the resulting frictional losses at the piston—cylinder interface. The
piston ring configurations analyzed in this study are defined in
Sec. 2.5, where the contact area formulation and the considered
ring pack geometries are described.

As shown in Table 3, frictional power dissipation increases sub-
stantially with the number of rings. For instance, at the original L/r
ratio of 3.2, the dissipated power increases from 104 W for a
single-ring configuration to 187 W for two rings and 286 W for
three rings.

The normalized values reported in Table 4 further highlight the
relative increase in friction associated with the larger contact area
produced by additional rings.

These results emphasize the classical tradeoff between sealing
performance and frictional losses. Increasing the number of rings
improves blow-by control and mechanical robustness, but it also
increases the frictional drag at the ring—liner interface. Conversely,
reducing the ring count lowers friction but may compromise dur-
ability and sealing effectiveness.

3.4 Combined Effect of L/r and Ring Configuration. The
combined analysis of connecting-rod length (L/r) and piston-ring
contact area, as reported in Tables 3 and 4, shows that the
highest frictional losses occur when a short rod (L/r=2.43) is
paired with three rings, reaching 326 W. This result reflects the
synergistic effect of increased lateral forces and a larger contact
area. In contrast, long rods (L/r = 3.59) with a two-ring configura-
tion achieve frictional power nearly identical to the original engine
configuration (185 W versus 187 W) while simultaneously reduc-
ing side loads and potential wear. Configurations with a single
ring consistently yield the lowest frictional losses; however, they
may not meet durability and blow-by requirements.

These results confirm the expected tradeoff in design: achieving
optimal friction reduction requires a careful balance between the
connecting-rod-to-crank-radius ratio and the number and thickness
of piston rings.

3.5 Discussion. The results demonstrate that piston friction
depends not only on ring material or lubrication but also signifi-
cantly on engine geometry and ring pack design. Adjusting the
connecting-rod-to-crank-radius ratio (L/r) or modifying the
number of piston rings can reduce friction; however, practical con-
straints such as engine size, weight, sealing requirements, and wear
considerations limit the extent of these optimizations.

094501-4 / Vol. 148, SEPTEMBER 2026

This study also emphasizes the value of a physics-based, cycle-
resolved model. By using the real-engine PV diagram (Fig. 1) as
input, transient effects in piston motion and friction are captured,
particularly near top dead center and bottom dead center, where
velocity gradients and lubrication regimes change rapidly.

The findings indicate that a configuration with two rings com-
bined with an intermediate L/r ratio, corresponding to the original
engine design, provides a reasonable compromise between mini-
mizing friction and maintaining durability. Increasing L/r
beyond conventional limits offers only marginal friction reduction,
while employing more than two rings significantly increases fric-
tion with minor improvements in wear or sealing. These insights
can be directly applied to the design and optimization of ring
pack geometry and connecting-rod length to achieve the best trade-
off between mechanical efficiency and operational reliability.

4 Conclusions

The study demonstrates that the tribological performance of a
reciprocating diesel engine is strongly influenced by both the
connecting-rod length and the piston ring configuration. The math-
ematical model, based on the indicated pressure cycle (Fig. 1), cap-
tures the effects of L/r and piston-ring contact area on
instantaneous and integrated frictional power losses.

The results show that increasing the number of piston rings sig-
nificantly raises frictional losses due to the larger contact area.
While additional rings can improve sealing and wear performance,
the incremental benefit diminishes beyond two rings, whereas fric-
tional losses continue to increase. Similarly, short connecting rods
(low L/r) generate higher lateral forces, increasing friction,
whereas longer rods reduce these side loads. However, the reduc-
tion in friction becomes marginal for very high L/r ratios, and
further increases are constrained by engine packaging, mass, and
cost considerations.

Configurations with a single ring yield the lowest frictional
losses but may compromise sealing and durability, whereas config-
urations with three rings produce substantially higher friction due
to the increased contact area. Consequently, a moderate L/r com-
bined with a two-ring configuration provides a reasonable compro-
mise between frictional efficiency and component durability.

Overall, these findings provide practical guidance for engine
designers in selecting connecting-rod length and piston ring config-
uration to optimize tribological performance and overall mechani-
cal efficiency.
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Nomenclature

= oil film thickness (m)
rod-to-crank ratio, L/r
local contact pressure (Pa)
sliding velocity (m/s)
empirical constant for hydrodynamic friction
cylinder bore diameter (m)
empirical constant for boundary friction
connecting-rod length (m)
effective radius of curvature of the piston-ring interface
(m)
T = temperature (K)
hpin = minimum oil film thickness (m)

SR TA<<s s =
1]
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pe = characteristic contact pressure for mixed/boundary
lubrication (Pa)

s; = piston displacement increment at crank angle o; (m)
Vpist = instantaneous piston velocity (m/s)
Vmax = Maximum piston velocity (m/s)

w; = axial width of piston ring i (m)

A, = effective piston ring contact area (m2)

F; = friction force (N)

W; = total friction work per engine cycle (J)
dW; = incremental friction work at step i (J)

Greek Symbols

a = crank angle (deg)

n = lubricant dynamic viscosity (Pa-s)

A = lubrication parameter, film thickness-to-roughness ratio
u = coefficient of friction

uo = reference friction coefficient in the mixed regime

u, = friction coefficient in the boundary regime

o = combined RMS surface roughness of contacting surfaces

(m)
o1, 6o = RMS roughness of ring and cylinder surfaces (m)
@ = crankshaft angular velocity (rad/s)
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